Gas pulsations in suction and discharge chambers are a significant source of noise in screw compressors. This paper shows how such effects in the discharge chamber are influenced both by the compressor operating conditions and its geometric characteristics. An area function is identified for the discharge port as an important parameter influencing the gas pulsations and it is shown how their amplitude can be reduced by optimization of the port shape.
INTRODUCTION
In a screw compressor, the suction and discharge chambers are connected to the working chambers only periodically. This creates unsteady flow and variation of mass within both of the chambers and hence pressure pulsations exist in them during both the suction and discharge processes. These create both vibration and noise. The amplitude of the gas pulsations in the compressor discharge chamber is much higher than those in the suction chamber. Therefore many authors consider the gas pulsations in a screw compressor discharge chamber to be the main source of noise.
Intensive research on gas pulsations in screw compressors started in 1986 when Fujiwara and Sakurai [1] first measured gas pulsation, vibration, and noise in a screw compressor. Subsequently, Koai and Soedel [2, 3] developed an acoustic model in which they analysed flow pulsations in a twin screw compressor and investigated their influence upon its performance. More recently, Sangfors [4] , Tanttari [5] , and Huagen et al. [6] developed mathematical models for the prediction of gas pulsations in screw compressor suction and discharge chambers.
Mentioned authors explored the influence of various screw compressor working and design parameters upon gas pulsations in the compressor suction and to the suction chamber through leakage paths, while the discharge chamber itself is connected to the discharge pipe. The mentioned connections between the chambers and their surrounding are always present. However, the connection between working and discharge chambers is of a periodical nature. Accordingly, the discharge process of the working chamber starts with the opening of the discharge port and lasts only until the port is closed.
If the heat transfer through the chamber walls is neglected, then the gas condition in the chamber is determined by the change of the chamber volume and by the mass and energy transfer rates between the chamber and its surroundings. The volume of the working chamber is defined by the machine geometry and is expressed as a volume function V (t) (wc) but the volume of the discharge chamber V (dc) is constant. Therefore, it follows that the gas state in the discharge chamber is influenced only by the mass and energy transfer rates. This corresponds with the fact that gas pulsations in a chamber occur only if mass transfer rates to it are unsteady.
In Fig. 1 , two mass flows are shown between the discharge chamber and its surroundings. The first is the mass inflow into the discharge chamber from the compressor working chamber. The second is the mass outflow from the discharge chamber into the compressor discharge system consisting of pipes, oil separators, and similar components. Both flows are time dependent and need to satisfy continuity equations (1) and (2) m in(dc) = ρνA(t) dp (1)
These equations show that both mass flows depend upon the instant gas density and the velocity. The fluid velocity is dependent upon the difference of fluid enthalpies in the chambers. For compressors, this is equivalent to the velocity being proportional to the square root of the pressure difference between the chambers. The gas density is also a parameter, which is related to the chamber pressures. Therefore, the pressure difference between the working and discharge chambers is a parameter, which influences the gas pulsation levels. Thus, the pressure difference between the discharge chamber and the pipe system is a result of the gas pulsations rather than their cause. (1) and (2), two more parameters can be identified which influence mass flows and later gas pulsations. The first is the outlet area A out , where the discharge chamber is connected to the discharge pipe. This outlet area is constant and it is good to make it as large as possible. A larger area will cause less pressure difference for the same flow between the discharge chamber and pipe and will therefore stabilize the pressure in the discharge chamber.
By analysing equations
The second parameter, which influences the mass flow, which has not been properly considered in previous studies, is the cross-sectional area between the working and discharge chambers, A(t) dp , defined at the discharge port. According to equation (1), the effect of variation of the discharge port size is of the same order of magnitude as those of changes in density or velocity. This implies that the gas flow variation and pressure pulsation can be altered by modifying the discharge port area function. This can be achieved by changing the shape of the discharge port.
The influence of different discharge ports has been noticed but not explained in papers published by Errol and Ahmet [8] and Mujic et al. [7] . The difference in noise, identified through their research, can be explained only by the different cross-sectional area of the ports. The authors are not aware of any publications on investigations of this phenomenon.
It follows that the two basic parameters, which influence the level of gas pulsations in the discharge chamber, are the pressure difference and the discharge port area function. In order to decrease the amplitude of gas pulsations in the discharge chamber these two parameters need be optimized. It is necessary to explore and to optimize at least one of these two parameters.
The influence of the pressure difference has been explored in many studies. The most relevant are probably the papers from Koai and Soedel [2] and Sangfors [4] . They recognize a pressure difference as a cause for gas pulsations and they have explored the influence of the compressor operational and design parameters upon the gas pulsations.
Parameters related to working conditions

Discharge pressure
Discharge pressure is a parameter, which will determine the pressure difference between the working and discharge chambers at the moment when the discharge process starts. The pressure difference is the smallest when the discharge pressure is equal to the pressure in the working chamber. This has been reported by Koai and Soedel [2] . They noticed that the gas pulsations are a function of the discharge pressure and have a minimum. This is also confirmed later by Sangfors [4] . According to Huagen et al. [6] , this minimum corresponds to the discharge pressure that matches the machine built-in volume ratio. Koai and Soedel [2] claim that this minimum does not correspond exactly to that pressure, while Gavric and Badie-Cassagnet [9] considers that it occurs at small under-compression.
Rotational speed
Sangfors [4] and Huagen et al. [6] concluded that the amplitude of the pressure pulsations during the discharge process increases with the rotational speed.
Oil influence
Oil has an attenuating influence upon the noise generation process. According to Sangfors [4] this is significant at harmonics higher than the third-order, but Tanttari [5] states that this is noticeable only above the fifth-order.
Compressor design parameters
Clearances
Reduction of the leakage flow within the compressor, due to smaller clearances, increases the noise level generated in the discharge port. Soedel [2] and Sangfors [4] reported that for the same working conditions, changes of compressor clearances alter the working chamber pressure and fluid flow through the discharge port.
Discharge chamber length
According to Sangfors [4], the gas pulsations and generated sound pressure level (SPL) are affected by the length of the discharge chamber. This influence is significant and the SPL being a function of the chamber length has a minimum for a certain chamber length.
Number of rotor lobes
According to Sangfors [4] , the number of rotor lobes influences the noise level. Rotors consisting of more lobes generally generate a lower SPL in operation then those with fewer lobes.
All the mentioned parameters have a common factor in that they directly influence the pressure difference between the working and the discharge chambers. Operational parameters such as discharge pressure and compressor speed have a high influence on gas pulsations. However, those parameters depend on the purpose for which the compressor is used. This makes them inappropriate for optimization. Compressor design parameters such as the built in volume ratio, the clearances, the number of lobes and the sealing line length also affect gas pulsations.
However, attempts to decrease gas pulsations by optimizing any of these parameters, usually degrades the performance and hence makes them unsuitable as parameters for optimization.
The authors found no published records of how the discharge port shape affects gas pulsations in screw compressors. Therefore, a mathematical model of the discharge process was used to determine its effect, while maintaining other design parameters, such as the built in volume ratio, clearances, and sealing line length, constant. By this means it was hoped that any reduction in pulsations resulting from its variation, would be with minimum reduction of compressor performance.
MATHEMATICAL MODELLING OF THE DISCHARGE FLOW PROCESS
A mathematical model of the screw compressor discharge process was prepared, based on the thermodynamics model described by Stosic and Hanjalic [10] .
According to the author's findings published in reference [11] , this model is more efficient regarding computational time than one-dimensional model. Use of one-dimensional model is also limited by complex geometry of screw compressor, which has to be included in the model. Therefore, simple thermodynamic model will be used for the investigation of compressor discharge process. This consists of a set of differential equations for mass and energy conservation in a control volume that can be applied to the suction, working, or discharge chambers. This system of equations is closed by a set of algebraic equations, which describe internal flow phenomena associated with suction or discharge flow, fluid injection, and heat transfer. The relation between the fluid properties is derived from an equation of state, assuming either an ideal gas or a real fluid. The calculation time for their solution was minimized by the use of internal energy as the derived variable. Computation was then carried out through a series of iterative cycles until the solution converged. The pressure, together with any other required thermodynamic properties, was then derived directly from the internal energy. The model used in this work accounts only for the screw compressor discharge process. Accordingly, the system analysed consisted only of the control volumes governing the working and discharge chambers, as shown in Fig. 1 . This neglected the flows through compressor clearances, fluid injection, and heat transfer.
The working fluid was assumed to be an ideal gas. Although this simplification could affect the accuracy of predicted results, it would not affect any possible influence of the discharge port shape upon the gas pulsations.
Conservation of mass
The equations of mass conservation for the working chamber (3) and the discharge chamber (4) for the thermodynamic system shown in Fig. 1 are given as
It can be seen from Fig. 2 , that the discharge from any one working chamber is not complete before discharge from the following chamber begins. This influences the process of mass and energy inflow into the discharge chamber, because the mass flow into the discharge chamber thereby is affected by flows from more than one working chamber. Therefore, the equation for the mass flow into the discharge chamber should take into account outflows from more, say n working chamberṡ
Each of the mass flow rates in the above equation satisfies the continuity equation. As an example, the mass outflow from the working chamber is presented herė
The fluid velocity between the working and discharge chambers is calculated as
where h wc is the upstream enthalpy, whereas h dc is the downstream enthalpy. When the upstream enthalpy in the discharge chamber is higher than that in the working chamber, the flow is reversed. So, the fluid flow, which enters or leaves a chamber, always starts from a chamber, which has a higher enthalpy value. Therefore, the flow conditions are determined by the fluid condition in the upstream chamber. So, the fluid density ρ used in the equation (6) gets the value of the flow with the higher enthalpy value. The coefficient of discharge C D used in equation (7) is calculated using the equation recommended in the ISO5167-1 standard, as
The coefficient β is the ratio between the upstream and downstream pipe diameters as presented in equation (9) 
The diameters used here are the equivalent diameters of the cross-sectional areas of the discharge port and flow area of the working chamber. The size of these areas changes during the cycle, so the diameters change accordingly. The upstream and downstream orifice diameters for the compressor discharge are shown in Fig. 3(a) , while their ratio is presented in Fig. 3(b) . The Reynolds number is calculated for the current upstream fluid density and velocity
The hydraulic diameter for upstream conditions is calculated from equation (11)
The area A is the cross-sectional area of the discharge port, which is connected to the working chamber i. This area is of the complex shape and it changes with time. Since the simulation accuracy depends upon the size and gradient of that area, it is necessary to calculate accurately the discharge port area at any arbitrary rotor position for any discharge port shape and rotor profile. Also, to analyse the influence of different discharge port shapes upon the gas pulsations, it is necessary to quantify their difference. This can be done if the actual size of the discharge port area of different ports is used in the model. A numerical method to obtain the area function of a discharge port will be presented in section 3.4. 
Conservation of internal energy
The equations for the conservation of internal energy are given for the working and discharge chambers in equations (12) and (13), respectively, as
The enthalpy inflow into the discharge chamber consists of outflows from the n working chambers, which are connected to the discharge chamber at the timė
Initial and boundary conditions
This model requires the initial conditions to be provided when the discharge starts. For working chamber, these are the temperature and pressure of the gas at the end of compression. The averaged value of the gas temperature, T r , in the outlet reservoir is used as the initial value for working chamber. The gas pressure in working chamber is calculated for the adiabatic compression as
The initial conditions for the temperature and pressure in the discharge chamber are the same as the averaged values of T r and p r in the outlet reservoir.
The outlet boundary conditions are applied to the outlet area of the discharge chamber, T out and p out , which correspond to the outlet reservoir conditions. The conditions in the outlet reservoir are significantly influenced by the pressure variation in the discharge chamber. The pressure in the outlet reservoir is calculated as is presented in reference [4]
This enables the outlet reservoir pressure p out (t) and T out (t) temperature to be calculated for the specified averaged pressure p r in the reservoir as
This assumes a discharge pipe of infinite length and does not allow for any wave reflection from the discharge system. Therefore, it only accounts for the influence of the incident wave.
Area function of discharge port
Precise numerical values are required for the area function. Therefore, an area integration method has been developed for this purpose. It can be employed to obtain accurate values of the discharge port area for any shape of compressor discharge port and for any compressor rotor profile. The axial discharge port has been divided into two parts; namely the male and female rotor parts as is shown in Fig. 4(a) . Both parts are enclosed by four separate curves, which define the port shape. Two of them, C 1 and C 2 , are circular arcs, which are usually of the same size as the rotor outer and inner diameter. The third curve C 3 on the outer side of the port is usually defined by the rotor profile, but it is can be of any shape. The curve C 4 is defined by the shape of the sealing line. Curves C 3 and C 4 are usually given as sets of points. They can be transferred in cylindrical coordinates as
This should give the same number of the control points for the both curves and position the two associated Fig. 4 Principle of calculation of discharge port area points at the same radius. Thus, uniform radii distribution was made between R M1 (R F1 ) and R M2 (R F2 ). The intersection points between the arcs of these radii and curves C 3 and C 4 are the new sets of points, which accurately describe the curves C 3 and C 4 , as shown in Fig. 4(b) .
It is now possible to define a finite number of small areas A MAi on the male rotor side of the port, which are located between the two nearest radii r MAi and r MAi+1 and port boundaries as shown in Fig. 4(d) . The port boundaries depend on the position of the both rotors and they can be different for any of the observed areas as shown in Fig. 4(c) . To maintain the same procedure, the rotor profiles must be transformed in the same manner as the discharge port curves. By this means, any small area A MAi on the male rotor side of the discharge port lies between two arcs of known radii, which starts at the known angle ϕ 1MAi (ϕ 1FAi ) and finishes at angle ϕ 2MAi (ϕ 2FAi ), which is also known. The same principle applies for the female rotor side of the port. The simplest case, when the observed area is between the rotor trailing edge and the opening curves of the discharge port, is shown in Fig. 4(d) .
Equations (21) and (22) calculate the value of the observed small discharge port areas on the male and female rotor sides
The areas of the axial discharge port on the male and female rotor sides can be calculated by adding all the areas together. Thus
The total area of the axial discharge port is then
The radial male and female rotor parts of the discharge port are closed by three curves. Curves C 1 are arcs on the discharge end plane, defined by the male and female rotor radii. Curve C 2 is a cusp line while the opening port curves C 3 are the male and female rotor helices as shown in Fig. 4(e) . The helix points are all on the same radius. In such a case, the ϕ and z coordinates are variable. Therefore, the same method used for the calculation of the axial discharge port can be employed here. Fig. 4(f ) shows the calculation principle for the radial discharge port. There is a small area A FRi of the female rotor side of discharge port, which lies between the two arcs of known position and z FRi and z FRi+1 . This starts at angle ϕ 1FRi (ϕ 1MRi ) and ends at angle ϕ 2FRi (ϕ 2MRi ). Taking into account the variable boundaries of the port, it is possible to calculate the value of the finite small areas on the male and female rotor port sides by means of equations (26) and (27) 
Compressor testing range and instrumentation
For the purpose of this investigation, an oil-flooded air screw compressor was used because it operates over a larger pressure range and develops higher gas pulsations than an oil free compressor. In addition, an oil-injected screw compressor does not need synchronizing gears, which affect the overall compressor noise level, and it may be driven at moderate speeds. Therefore, the noise generated by the test compressor was mainly caused by the gas pulsations. The compressor parameters are given in Table 1 . The test compressor was placed in laboratory test rig, built to CAGI and PNEUROP standards. The complete compressor test range required 40 measuring points (MP) to cover a wide range of compressor speeds and pressures as presented in Table 2 . It was considered adequate to reduce this number to the 12 shaded values shown.
One set of MP covers the compressor speeds from 2000 to 6000 r/min at a discharge pressure of 8 bar, whereas the other set of points covered discharge pressures from 5 to 12 bar at a speed of 4000 r/min. The discharge chamber pressure was measured by use of a Piezo-electric pressure sensor Endevco model 8530C to obtain a pressure function. The SPL around the test compressor was measured by pressure level indicators SJK. A sound level meter HML 323 was used to evaluate a correlation between the pressure function within the discharge chamber and the overall compressor noise. Measurements of the pressure, temperature, driving torque, air flow, and compressor speed were also taken to estimate the compressor performance.
Modification of the discharge port
The original discharge port was modified to reduce the amplitudes of the gas pulsations by minimizing the sudden flow between the working and discharge chambers at the beginning of the discharge process, when the pressure difference between the chambers is highest. According to equation (1), this flow is governed by the pressure difference and the size of the port area. As the built-in volume ratio was not changed, the pressure difference was the same for both modified ports at the moment when discharge started. The original discharge port was designed to have the largest possible opening for any rotor position, in order to reduce flow losses. This was achieved by designing the port shape to correspond with the shape of the rotor trailing edges. Such an approach generates a discharge port area function with a high starting gradient, as shown by the light line in Fig. 5(a) . In that case, the port has the largest opening when the pressure difference is largest.
To avoid this, a new shape of the port was devised, as shown by the bold line in Fig. 5(a) , where it can be Modified shape of the discharge port seen clearly that only the port opening curves were changed. This altered the starting gradient of the port area function while maintaining the same built in volume ratio as the original by keeping the remaining parts of the opening curves unchanged. Therefore, both ports opened at the same rotor position. The opening curves are simple in this second case and consist of only three arcs. They are therefore simpler than in the old port.
The shape modification of the port reduces the size of the port area. This difference increases at the beginning of opening and is highest when the port is fully open. It then decreases as the port closes and finally disappears when the leading edges of the following rotor lobes cover the opening curves of the port completely. Such reduction must cause some flow loses.
Prediction and experimental verification of results
The shape of the compressor discharge port geometry, presented in Fig. 6 , was changed to verify the predicted results by locating metal inserts to form the new port. These inserts also covered the original opening curves on the both sides of the port. These are illustrated in Fig. 6 by the two lines on the metal inserts. After modification, a new set of measurements was carried out in order to compare with the predicted gas pulsations. The pressure function in the discharge chamber, predicted by the thermodynamic model of the discharge process, is shown in bold lines, together with the experimental data, in light lines in Fig. 7 , for the original discharge port shape, and in Fig. 8 , for the modified port shape. The model accounted for changes in the discharge port shape, as can be seen, with the modified discharge port producing lower levels of gas pulsations. The experimental results follow the predictions reasonably well.
The amplitude of the predicted of gas pulsations in the discharge ports is close to the amplitudes corresponding to the compressor fundamental frequency. However, the model could not predict higher harmonics. This is because the thermodynamic model used here does not take into account the compressor piping system, oil separators, and similar items. The reflected wave occurring in these components is therefore the main cause of the difference between the predicted and measured values in some cycle stages. This confirms the statement reported in reference [4] that a one-dimensional model is accurate only for a very narrow frequency range.
The amplitudes corresponding to the compressor fundamental frequency are more influenced by the process in the discharge port than by wave reflection. Therefore, the agreement between predicted and measured values is good for fundamental frequency values. Since these are the dominant ones, the model is suitable for investigating the influence of the discharge port shape upon the pulsation amplitudes across the entire compressor speed and pressure range.
The measured values of the pressure functions in the discharge chamber for the original and modified discharge ports are compared in Fig. 9 . These are shown for the original and modified port by light and bold lines respectively. It can be seen that the gas pulsation amplitudes are reduced across the whole range of the working conditions. As shown in Fig. 10 , the SPL generated by gas pulsations in the discharge chamber is reduced.
More specifically, as can be seen in Fig. 10 , the overall noise in the compressor environment is attenuated by ∼3 dB at 4000 r/min over the whole pressure range, whereas there is a noticeable noise reduction across the compressor speed range, varying from 2 dB at the lowest speed up to 5 dB at the maximum speed for an outlet pressure of 8 bar. The use of the model therefore represents a good step towards overall noise reduction.
CONCLUSION
Basic analysis has shown that the two most influential parameters affecting gas pulsations in a screw compressor discharge chamber are the pressure difference between the compressor working and discharge chambers and the discharge port area. A mathematical model applied to calculate the pressure function in a screw compressor discharge chamber has shown that the gas pulsations in a screw compressor discharge port and, consequently, the generated noise can be reduced by making appropriate changes to the shape of the discharge port. This has been confirmed by good agreement obtained over a wide range of speeds and pressures between predicted and measured values in a compressor with two different port shapes.
